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Abstract

The absorption of low-frequency sound is still a problem in many rooms due to the long
wavelengths. The often complex installations and sizes of existing solutions make integration
into existing buildings difficult. To address this problem, a new type of resonance absorber,
whose basic concepts have long been known in the literature, has been developed: the
Distributed Mode Absorber (DMA), which consists of a plate a few millimeters thick and a
volume of air enclosed behind it. This simple structure can be used to e.g. design acoustically
activated furniture, which can then be easily integrated into rooms.
This thesis deals with the structural optimization of the DMA front panel, using the Acoustic
Black Hole (ABH) effect known from structural dynamics. For this purpose, a model is
created in Finite Element Analysis (FEA) and investigated numerically. Based on these findings,
prototypes are developed and manufactured. During the subsequent validation, the quality
of the numerical model is checked. Finally, the DMA prototypes are evaluated based on their
sound absorption and possibilities for further optimization are presented.

Kurzfassung

Die Absorption von tieffrequentem Schall stellt aufgrund der langen Wellenlängen nach wie
vor in vielen Räumen ein Problem dar. Die oft aufwendigen Installationen und Baugrößen
vorhandener Lösungen erschweren eine Integration in den Bestand. Um diesem Problem
zu begegnen wurde ein neuartiger Resonanzabsorber, dessen grundlegende Konzepte seit
langem in der Literatur bekannt sind, entwickelt: der Distributed Mode Absorber (DMA),
welcher aus einer wenige Millimeter dünnen Platte und einem dahinter eingeschlossenen
Luftvolumen besteht. Mit diesem einfachen Aufbau lassen sich z.B. akustisch aktivierte Möbel
gestalten, die dann unkompliziert in Räume integriert werden können.
Diese Arbeit beschäftigt sich mit der strukturellen Optimierung der DMA-Frontplatte, mithilfe
des aus der Strukturdynamik bekannten Acoustic Black Hole (ABH) Effekts. Dazu wird ein
Modell in der Finite Elemente Analyse (FEA) erstellt und numerisch untersucht. Aufbauend auf
diesen Erkenntnissen, werden Prototypen entwickelt und gefertigt. Bei der anschließenden
Validierung wird die Qualität des numerischen Modells überprüft. Schließlich werden die
DMA-Prototypen anhand ihrer Schallabsorption bewertet und Möglichkeiten zur weiteren
Optimierung vorgestellt.

VII





Contents

Abstract . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . VII

Kurzfassung . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . VII

List of Figures . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . X

List of Tables . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . XII

List of Symbols . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . XV

List of Acronyms . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . XVII

Vorwort . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . XIX

1 Introduction . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 1

2 Theoretical Background . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3
2.1 Low Frequency Absorbers . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 3
2.2 Distributed Mode Absorber . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 5
2.3 Acoustic Black Hole Effect . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 7
2.4 Specification of the Task . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 9

3 Numerical Modeling . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 11
3.1 Finite Element Method . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 11
3.2 Modelling Approach in ANSYS . . . . . . . . . . . . . . . . . . . . . . . . . . . 12
3.3 Modelling of the Acoustic Black Hole . . . . . . . . . . . . . . . . . . . . . . . 16

4 Numerical Study on Acoustic Black Hole Parameters . . . . . . . . . . . . . . . . 17
4.1 Initial Parameters . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 17
4.2 ABH Position . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 18
4.3 ABH Residual Thickness . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 25
4.4 ABH Size . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 26
4.5 ABH Shape . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 29
4.6 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 31

IX



Contents

5 Validation of numerical Research . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
5.1 Manufacturing of Prototypes . . . . . . . . . . . . . . . . . . . . . . . . . . . . 33
5.2 Measurement of Acceleration . . . . . . . . . . . . . . . . . . . . . . . . . . . 34
5.3 Fitting Model to Measurement Results . . . . . . . . . . . . . . . . . . . . . . 36
5.4 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 41

6 Sound Absorption . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 43
6.1 Sound Absorption Estimation in Free-Field Conditions . . . . . . . . . . . . . 43
6.2 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 46

7 Summary . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 47

8 Prospect . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 49

A Digital Appendix (CD) . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 55

X



List of Figures

2.1 Visualization of the �rst three modes in x direction. . . . . . . . . . . . . . . 6
2.2 Sketch of basic 1D Acoustic Black Hole (ABH) wedge, with visco-elastic

damping-layer applied on the backside. . . . . . . . . . . . . . . . . . . . . . . 8
2.3 Comparison of di�erent sound absorber types using examples available on

the market. Furthermore a DMA target absorption curve is being displayed.
The Data is from Beyer et. al. [5]. . . . . . . . . . . . . . . . . . . . . . . . . . . 9

3.1 Geometry of the simulation model, blue is the surface body representing
the panel, green is the solid body representing the air in the back cavity. . . 13

3.2 Detailed view of the mesh elements in the top-right corner of the Finite
Elements (FE) model. Shell elements of the panel are shown in blue. Green
is used for the bigger solid elements of the air in the back cavity. . . . . . . 15

4.1 Sketch of 9 di�erent positions for �nding the best ABH placement. The
dashed circle represents the contour of the ABH for position P11. . . . . . . 19

4.2 Comparison of the average surface velocity for the x-row of di�erent ABH
positions. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 20

4.3 Comparison of the average surface velocity for the y-row of di�erent ABH
positions. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 21

4.4 Comparison of the average surface velocity for the diagonal row of di�erent
ABH positions, . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 22

4.5 Comparison of the average surface velocity at the three best positions. . . . 23
4.6 First four mode shapes for the uniform reference panel. . . . . . . . . . . . 24
4.7 First four mode shapes for the panel with ABH(a = 0.1 m and habh = 0.1 mm)

at position P22 (x = 60%L x , y = 60%L y). . . . . . . . . . . . . . . . . . . . . . 24
4.8 Comparison between average surface velocity of three di�erent residual

thicknesses hABH at the center position P11. . . . . . . . . . . . . . . . . . . . 25
4.9 Average velocities from di�erent sized ABH con�gurations. . . . . . . . . . . 27
4.10 Statistical analysis of the modal density for di�erent sized ABH con�gurations. 28
4.11 Analysis of the ABH circular mode. . . . . . . . . . . . . . . . . . . . . . . . . . 29
4.12 Curvatures of the ABH indentation for four di�erent power law exponents. 29
4.13 Average surface velocities for three di�erent power law exponents. . . . . . 30

XI



List of Figures

4.14 Statistical analysis of the distance between modal frequencies for di�erent
power law exponents. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 30

4.15 Comparison of selected ABH con�gurations for prototyping. . . . . . . . . . 31

5.1 Rendering of the Computer Aided Design ( CAD) model of prototype 2 in the
top-left corner; Photography of prototype 1 in the top-right corner, prototype
2 in the bottom-left corner and prototype 3 in the bottom-right corner. . . 33

5.2 Photography of the 3-axis CNC Machine of Rabatz Designused to manufacture
the prototypes. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 34

5.3 Sketch of the four positions used for the acceleration measurement. . . . . 35
5.4 Photography of the measurement setup in the anechoic chamber of TUD. . 35
5.5 Measured and simulated acceleration results for reference Distributed Mode

Absorber (DMA) with High Pressure Laminate (HPL) 3 mm at di�erent positions. 37
5.6 Measured and simulated acceleration results for prototype 1 with ABH in

the center position P11 and a radius of a = 0.07 m at di�erent positions. . . 38
5.7 Measured and simulated acceleration results for prototype 2 with ABH in

position P22 (60%,60%) and a radius of a = 0.07 m at di�erent positions. . 39
5.8 Measured and simulated acceleration results for prototype 3 with ABH in

position P22 (60%,60%) and a radius of a = 0.07 m at di�erent positions. . 40

6.1 Sketch of the measurement setup used for measuring the estimated sound
absorption. . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . 44

6.2 Comparison of absorption estimation graph for the di�erent prototypes. . 45

XII



List of Tables

3.1 Initial material parameters used in ANSYS for modeling the DMA. . . . . . . 13
3.2 Overview of element types for Finite Element Analyses (FEA) of the DMA with

ABH geometry on front panel. . . . . . . . . . . . . . . . . . . . . . . . . . . . 14

4.1 Initial acoustic black hole parameters. . . . . . . . . . . . . . . . . . . . . . . . 18
4.2 Selected acoustic black hole parameters for building prototypes. . . . . . . 32

5.1 Initial and �tted material properties and geometry parameters used in ANSYS
for modeling the prototypes. . . . . . . . . . . . . . . . . . . . . . . . . . . . . 36

A.1 List of all the �les found on the Compact Disk attached in the back. . . . . . 55

XIII





List of Symbols

� Sound Absorption Coe�cient

a Radius of Acoustic Black Hole
in m

Anx ,ny
Complex deformation amplitude
in m

b Power Law Exponent

B Bulk modulus
in GPa

� Mechanical Loss Factor
in %

c Speed of Sound
in m s=1

c�ex Propagation speed of �exural
wave
in m s=1

d Distance
in m

D Bending Sti�ness
in Pa m3

E Young's modulus
in MPa

f Frequency
in Hz

f l Lower Frequency Limit
in Hz

f u Upper Frequency Limit
in Hz

f res Resonance Frequency
in Hz

f ABH Modal frequency of circular
Acoustic Black Hole mode
in m

f DMA,nx ,ny Modal Frequency of a
rectangular panel with clamped
boundary condition
in Hz

f VPR,nx ,ny Modal Frequencies of a
rectangular panel with simply
supported boundary condition
in Hz

� f Mode Density
in Hz

~F Force
in N

G Shear modulus
in GPa

h0 Uniform Plate Thickness
in m

hABH Residual Thickness of the
Acoustic Black Hole Structure
in mm

XV



List of Tables

hBC Depth of the enclosed Back
Cavity
in m

k Spring Coe�cient
in N m=1

� Wavelength of Sound Wave
in m

� �ex Flexural wave length
in m

lshell Shell Element size
in m

lsolid Solid Element size
in m

L x Length of rectangular panel
in m

L y Width of rectangular panel
in m

m Mass
in kg

m00 Mass per unit area
in kg m=2

p Pressure
in Pa = N m=2

Pin Power of incoming wave
in W

Ploss Power of losses
in W

Pmech Power of mechanical System
in W

Pre� Power of re�ected wave
in W

Q Quality Factor

� Density
in kg m=3

� Re�ection coe�cient

S Surface Area
in m2

� Poisson's Ratio

~v Velocity
in m s=1

vx,y Average Surface Velocity
in m s=1

wnx ,ny Modal Deformation
in m

XVI



List of Acronyms

ABH Acoustic Black Hole

CAD Computer Aided Design

CAE Computer Aided Engineering

CAM Computer Aided Manufacturing

CNC Computerized Numerical Control

DMA Distributed Mode Absorber

DML Distributed Mode Loudspeaker

DUT Device under Test

FE Finite Elements

FEA Finite Element Analyses

GUI Graphical User Interface

HPL High Pressure Laminate

MAPDL Mechanical ANSYS Parametric Design Language

MPP Microperforated Panel

SPL Sound Pressure Level

VPR Verbundplattenresonator, german for Composite Panel Resonator

XVII





Vorwort

Ich blicke zurück auf acht Jahre voller Höhen und Tiefen eines Studiums der Elektrotechnik an
der TU Dresden. Ich möchte mich bei der TU Dresden für diesen lehrreichen Lebensabschnitt
bedanken.

Diese gewiss nicht triviale Zeit hätte ich nicht vollenden können ohne die Unterstützung
meiner Kommilitonen und sehr guten Freunde: Lars Garraud, Franz Kaiser, Leonard Bugla.
Herzlichen Dank für die gemeinsam zerbrüteten Stunden!

Diese Arbeit steht auch als feierliches Symbol für die Liebe meiner verstorbenen Mutter,
denn sie war es, die mir dieses Studium nicht nur �nanziell, sondern auch mit ihrer
ermunternden Art ermöglichte. Auch meinem verstorbenen Vater möchte ich danken, denn
er hat meine Liebe zum Musizieren geweckt und mich über das Genieÿen von Musik auf
hochwertige Lautsprecher aufmerksam gemacht. Diese Aspekte meiner Jugend prägten
meinen universitären Werdegang, zuerst mit der Entscheidung für die Informationstechnik,
danach bei der Spezialisierung auf die Akustik.

Groÿer Dank gilt auch Professor Dr.-Ing. Altinsoy, welcher mir mit seinen Vorlesungen dabei
half, nicht nur meine Liebe zur Akustik, sondern vielmehr auch ihre gewaltige Komplexität
und Schönheit, näher zu bringen. Die Multidisziplinarität der Akustik ist es, die sie für mich
so spannend macht.

Die Erstellung dieser Arbeit wäre ohne das entspannte Arbeitsumfeld mit meinem Betreuer
Dr. Mehmet Sait Özer und der kollegialen Unterstützung von Stefan Fischer nicht denkbar.
Vielen Dank für die zahlreichen und aufschlussreichen Diskussionen zum Thema!

Besonderer Dank gilt André Mirtschink von Rabatz Design[1] in Bautzen, der den Herstel-
lungsprozess der Prototypen mit seiner auÿerordentlichen Hilfsbereitschaft, seinem Wissen
und seinen Maschinen unterstützt hat.

Meiner Liebsten Magda-Lilli Enk möchte ich danken, für die emotionale Unterstützung und
die zahllosen Motivationshilfen vor allem in den letzten vier Wochen vor der Abgabe.

Nun bleibt mir nichts zu sagen als: Viel Spaÿ beim Lesen meiner "Untersuchung des
Akustischen Schwarzen Loch E�ekts zur Anwendung in der Raumakustik".

XIX





1 Introduction

Well-designed room acoustics contribute to improved concentration, reduced fatigue and
enhanced overall well-being, creating a pleasant and immersive environment for e.g. learning,
working and socializing. To achieve that the acoustic characteristics need to be adapted
according to the usage of the room, cf. DIN 18041 [2]. For example most of the classrooms
in Germany do not meet the requirements regarding reverberation time, cf. [3]. This is an
example why researchers are motivated to �nd innovative and easy-to-integrate absorbers.

The use of sound-re�ecting materials such as concrete, gypsum �berboard and wood results
in long reverberation times. In order to meet the requirements of DIN 18041, additional
sound absorption is necessary. This is introduced to the room in the form of sound absorbing
materials or structures. One widespread concept are absorbers made from porous material,
cf. [4]. These types of absorbers rely on friction as a mechanism to dissipate incident sound.
Porous absorbers function most e�ectively at maximum sound velocity, which occurs at
the distance d = �

4 to the wall. For high frequencies, this measure provides a reasonable
solution. For low frequencies e�cient sound absorption by porous absorbers results in thick
wall superstructures. Because thick porous materials absorb almost all of the incident high
frequency sound, using only porous absorbers leads to a frequency dependent reverberation
time in the room, which can make the rooms sound booming.

According to DIN 18041 [2] the goal for ideal room acoustics is a reverberation time
independent of location and frequency. Therefore, porous absorbers are not suited as
stand alone solutions. To tackle this problem, it makes sense to use speci�c low-frequency
absorbers. This way, the equivalent absorption areas at di�erent frequencies can be designed
separately.

One well known concept is using a resonant panel structure to transform acoustic energy
into mechanical energy and therefore reduce sound re�ections. Because this structure is
excited by the sound pressure rather than the sound velocity, the distance to the wall is not
as critical as with porous absorbers. This makes it possible to manufacture panel absorbers
in a smaller thickness. Another advantage of resonant panel absorbers compared to porous
absorbers is the higher e�ciency at low frequencies. The downside is their narrow working
frequency range in classical designs.
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1 Introduction

This speci�c disadvantage is targeted by this thesis, which optimizes the multi modal
absorption behaviour of resonant panel absorbers to widen their working frequency range.
This leads to a more �exible usability in the practical application of such systems. Based on
the already existing Distributed Mode Absorber ( DMA), presented in [5], the Acoustic Black
Hole (ABH) e�ect was chosen to investigate its possibilities for the optimization of DMA.

The bene�cial impact of placing an ABH structure on the front panel is explained in this
thesis. By exploiting di�erent principles in optimizing mode shapes and frequencies due
to the ABH e�ect a signi�cant improvement in panel surface velocity and resulting sound
absorption was realized. The e�ect an ABH has on the panel's mechanical behaviour was
investigated by utilizing Finite Element Analyses (FEA) simulations.

It is described how di�erent parameter variations of the ABHstructure in�uence the bending
wave distribution on the front panel of the DMA. This ultimately led to the selection of some
promising geometries, which were then manufactured and subsequently measured. The
comparison of measurements and simulations show that the model is able to give good
qualitative predictions of the prototype behaviour.

The manufacturing process is precisely described. It has become evident that through
the utilization of contemporary manufacturing methodologies the manufacturing of three
dimensional shapes no longer causes di�culties. Therefore its imaginable to develop
economic products from the prototypes presented in this thesis. Especially the integration
into furniture fronts could be a future use case, besides the market of special absorbers for
recording studios and similar facilities.
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2 Theoretical Background

2.1 Low Frequency Absorbers

Low-frequency sound poses unique challenges when it comes to noise control and
acoustic treatment. Unlike higher frequencies, low-frequency sound waves possess longer
wavelengths and greater energy, making them more di�cult to e�ectively absorb and
attenuate. Equation 2.1 shows the relation between the wavelength � , frequency f and
propagation speed c of sound waves in a �uid.

� =
c
f

(2.1)

However, various types of low-frequency sound absorbing concepts have been developed
to address these challenges and provide e�ective noise mitigation solutions. The two most
popular concepts exploit resonance to interact e�ciently with the high-energy low-frequency
waves. By exciting a system to oscillate, energy is extracted from the wave and transferred
into kinetic energy. These systems can be described by a mass spring oscillator and are
known for many years, cf. [4]. Equation 2.2 shows how the resonance frequency f res is
determined by the mass m and the spring coe�cient k of the system. All resonant systems
show a speci�c bandwidth of e�ect � f depending on the damping of the system. The ratio
between this bandwidth and the peak resonance frequency f res, as described in equation
2.3, de�nes the quality factor Q of the oscillating system.

f res =
1

2�

r
k
m

(2.2)

Q =
f res

� f
(2.3)

The �rst concept is the Helmholtz resonator, which is commonly used for low-frequency
noise control. These resonators consist of enclosed cavities with an opening. The cavity
acts as the acoustic spring k, whereas the air in the opening becomes the mass m which
oscillates. When low-frequency sound waves pass through the opening, they cause the air
inside the opening to vibrate at a speci�c resonant frequency. This acoustic resonance helps
to absorb sound energy at that particular frequency. Porous material inside the cavity is

3



2 Theoretical Background

used to dampen the system and therefore broadens the e�ect of Helmholtz resonators, cf.
[6].

The second concept is membrane or plate absorbers which are based on mechanical
resonance. These absorbers consist of a �exible membrane or thin plate stretched over a
frame. When low-frequency sound waves encounter the membrane, it vibrates, converting
sound energy into mechanical energy. Subsequently, this energy is dissipated due to
mechanical losses.

The downside of these classical resonant absorbers is their narrow bandwidth of e�ect. Even
with low quality factor Q the absorption is only e�ective around one resonance frequency.
That is the reason why broadband absorption is targeted in more recent work. Fuchs
introduces the concept of so called Verbundplattenresonator ( VPR) which exploits multi
modal plate resonances for absorption, cf. [6]. With this concept it is possible to absorb
sound at multiple frequencies with one module. A steel plate is placed on �exible foam to
introduce damping but to keep loose boundary conditions. Therefore, the plate can vibrate
freely at multiple modal resonant frequencies as estimated by equation 2.4 for a simply
supported rectangular plate, with bending sti�ness D , mass per unit area m00, dimensions of
the plate L x , L y and indices nx , ny 2 N. The bending sti�ness D is calculated by equation
2.5 with Young's modulus E , Poisson's ratio � and plate thickness h0.

f VPR,nx ,ny =
�
2

r
D
m00

" �
nx

L x

� 2

+
�

ny

L y

� 2
#

(2.4)

D =
E � h0

3

12(1� � 2)
(2.5)

Further developments of the VPRconcept combine the pressure-reactive plate with a
perforated panel built in front of it. For example Renz Solutionsdeveloped VPRas a commercial
product [7]. In 2020 Ebenlechnerfurther improved mid frequency e�ciency with his Deep
Di�usorber [8], by placing a binary amplitude di�user panel in front of the system. Both
resonators achieve high sound absorption for low frequencies dropping smoothly towards
higher frequencies, which makes them a su�cient tool for improving rooms of di�erent
sizes.

Another multi modal approach was followed by Beyer, Özer et. al [5], [9] at Technical University
Dresden, introducing Distributed Mode Absorber ( DMA). A thin panel is mounted in front
of a back cavity �lled with air. This enables sound absorption at multiple frequencies due
to modal resonances. Because the DMA concept is the foundation of this thesis, a detailed
description of its behaviour is given in section 2.2.

Further innovations in the �eld of room acoustics lead to new low-frequency absorber types.
On the one hand there are Microperforated Panel ( MPP) absorbers which were optimised to
lower their operating range, cf. [10], [11]. MPPabsorbers are based on Helmholtz resonators
but with holes so small that losses will occur due to viscous boundary layer e�ects in the
perforations. Therefore, no additional porous material is needed, which allows them to be
used in special environments. The downside of MPPabsorbers is their limited e�ectiveness
with only one layer, cf. [4], [6].

To complete the catalog of measures dealing with the attenuation of low-frequency
sound, electroacoustic impedance-matching absorbers are presented. Loudspeakers and
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electronics are used to actively or passively control the acoustic surface impedance of a
surface to match the impedance of incoming waves. For this technique microphones are
used to determine the phase and magnitude of incoming waves. From this data the surface
velocity of the absorber is adjusted in real-time to achieve high sound absorption, compared
to passive absorbers. In a controlled environment, e.g. anechoic chamber or impedance
tube, impedance matching absorbers can absorb sound in a wide bandwidth, cf. [12]. For
real world applications only low-frequency absorption is achieved as e.g. by the commercially
available PSI AVAA Technology[13], which absorbs sound in the range from f l = 15 Hz to f h =
150 Hz, and improves the modal sound �eld of e.g. recording studio listening rooms.

2.2 Distributed Mode Absorber

Distributed Mode Absorber ( DMA) are based on the classical membrane absorber, in which
a membrane encloses a rear cavity of air. air. Instead of a �exible membrane a thin panel
is used. This leads to a multi-modal resonance behavior of the panel, resulting in several
absorption frequencies, cf. [14].

The panel is mounted on a rigid frame, which means that the boundary condition can be
assumed to be clamped. For panels with clamped edges and no enclosed back cavity the
modal frequencies are predicted by equation 2.6, cf. [15], with bending sti�ness D , mass per
unit area m00= �h 0, dimensions of the panel L x , L y and indices nx , ny 2 N. The bending
sti�ness D is calculated by equation 2.5.

f DMA,nx ,ny =
�
2

r
D
m00

"  
nx + 1

2

L x

! 2

+

 
ny + 1

2

L y

! 2 #

(2.6)

Compared to the simply supported panel mode frequencies in equation 2.4 the additional
sti�ening introduced by clamping the edges is expressed in the addition of 1

2 to nx and ny .
This results in a higher fundamental mode of f DMA,1,1 = 9

4 f VPR,1,1 = 2.25f VPR,1,1. All these
modal frequencies correspond to a unique mode shape. The deformation wnx ,ny of these
mode shapes is computed with equation 2.7 from [16]. It can be written in the harmonic
form, with complex amplitude Anx ,ny

.

wnx ,ny
(x, y) = Anx ,ny

sin (nx �
x

L x
)sin (ny �

y
L y

) (2.7)

In �gure 2.1 the deformation for ny = 1 and y = L y
2 is plotted over x with nx 2 f 1, 2, 3g.

By mounting the framed panel in front of an enclosed back cavity, additional sti�ening is
introduced due to the spring behaviour of enclosed air. The spring coe�cient kair of this air
spring is calculated with equation 2.8, from cross-sectional area of the spring S, the depth of
the back cavity and the Bulk modulus B of air. B is the product of density � and the speed
of sound c.

kair =
BS
h

= �c 2 S
h

(2.8)
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Figure 2.1: Visualization of the �rst three modes in x direction.

This formulation is only valid for pistonic movement of the panel on top of an airtight air
volume. Clamping the panel on to the frame prevents it from moving in a pistonic way.
Instead it is moving in itself regarding to its mode shapes as described by equation 2.7 and
shown in �gure 2.1. Therefore, the volume change created by the mode shapes is the most
relevant factor to evaluate the air spring e�ect. This leads to the conclusion as Dowell stated
in [17]: Mostly the �rst, fundamental mode is acting on the aerodynamic spring e�ect. The
higher modes cancel out their displaced air volume due to their de�ection of the mode
shapes, as seen in �gure 2.1. Even modes cancel out completely while for odd modes the
in�uence of the air spring is decreasing by S � 1

nx ny
.

Besides the sti�ening, the depth hBC of the enclosed back cavity is also in�uencing the sound
absorption. Consequently the right depth hBC needs to be chosen in order to exploit the full
potential of a given DMA con�guration, cf. [5].

Ultimately, however, the sound absorption coe�cient � of the DMA is the variable that
de�nes its quality as an absorber. When a sound wave hits the absorber, the resulting sound
absorption is that part of the wave energy which is converted into mechanical energy and
dissipated by the system. The remaining energy will be emitted or re�ected o� the panel.
This is shown for harmonic frequencies with a simple power balance in equation 2.9, with
re�ected Pre� , incident Pin and absorbed Ploss power.

Pre� = Pin � Ploss (2.9)

The dissipated power � is the dissipated part of the mechanical power Pmech that is in a
resonant device. All occurring losses can be summed up to the damping loss factor � . The
mechanical power Pmech is calculated with the complex velocity ~v and force ~F , cf. equation
2.10 [18].

Ploss � �P mech =
�
2

~F � ~v� (2.10)

� =
Ploss

Pin
! � � |~v| � � (2.11)

Since the force acting on the panel depends on the incident sound wave, it cannot be
in�uenced by the DMA design when considering room acoustics. In order to increase sound
absorption the velocity ~v as well as the damping � of the system need to be increased, as
relation 2.11 shows.
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2.3 Acoustic Black Hole E�ect

Damping must be used with care, as it increases absorption on the one hand, but also
a�ects the vibration behavior of the panel on the other. Higher damping results in lower
peak velocities at resonant frequencies, but widens the bandwidth. If too much damping is
applied, the panel is no longer able to vibrate in a resonant behaviour.

To increase the velocity of a multi modal resonant device the most obvious measure is to
increase the number of modes in a given frequency range. However, the count of modes
does not give any information about the quality of the distribution. The more evenly the
modes are distributed over the frequency, the better.

One option to in�uence the mode density is to change the aspect ratio of the panel. Looking
at equation 2.6 the ratio between the length L x and width L y in�uences the relative distance
between the mode frequencies. By choosing a su�cient ratio, e.g. 4

5 in this thesis, the
foundation for an even mode distribution is provided.

The load on the front panel of the DMA is a surface pressure, because the low frequency
sound waves have long wavelengths compared to the dimensions of the front panel. This
means the panel is loaded equally on the whole surface area. This leads to the undesirable
side e�ect that the even modes are not excited. Therefore, the e�ective number of modes
is reduced which in turn results in less panel movement.

To overcome the symmetry issue, partial changes in the plate properties can be integrated.
Subsequently, even modes no longer occur symmetrically and the mode density is increased.
Özer et. al has shown in [19] that using a panel with multiple thicknesses does increase the
number of resonant frequencies.

2.3 Acoustic Black Hole E�ect

The Acoustic Black Hole phenomenon was �rst discussed by Mironov in 1986 [20], who
demonstrated in theory that the velocity of bending waves slows down and approaches
zero at the edge when the thickness of a plate structure uniformly decreases towards the
boundary. This implies that the wave never reaches the edge, and thus, no re�ection occurs.
This phenomenon is referred to as the Acoustic Black Hole ( ABH) e�ect. To achieve the
ABH E�ect, the change in plate thickness must follow a power law pro�le, as described by
equation 2.12, and approach zero at the edge. The basic shape of the wedge is shown in
�gure 2.2. Clearly, the second condition can never be satis�ed in a practical structure as it
needs to be truncated at a certain thickness. This means that a design which incorporates
the ABH e�ect is always a compromise in practice.

h(x) = h0 � x � b for x � 0 (2.12)

h(x) = h0 for x < 0 (2.13)

In order to further improve the e�ectiveness of vibration damping, in 2002 [21] and 2004
[22] Krylov has suggested to attach damping layers at the thin edge of the structure to
further dissipate the vibrational energy. In 2007 [23] Krylov was the �rst to conduct practical
research with the tapered and damped edges. He achieved signi�cant damping with only
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thickness h(x)

length x

Figure 2.2: Sketch of basic 1D ABH wedge, with visco-elastic damping-layer applied on the backside.

a thin layer of absorbing material. This was the starting point for wide spread research on
ABH e�ect in the �eld of vibration damping.

In 2013 Bowyer et. al. [24] showed a way to implement the same concept within a plate, by
using circular indentations with the same power law pro�le. The �exural wave structure of a
plate can be modi�ed by placing one or more ABH. Multiple circular 2D ABH can be used to
generate high damping in the structure, comparable or even greater than that of a 1D ABH
wedge. It was shown, that using the ABHindentation alone already increases the damping of
the system. However, the authors show that additionally applied damping further improves
the performance of the ABH.

With those ABH indentations the bending wave behaviour of a thin plate can be in�uenced
in various manners. E. g. Deng et. al. [25] shows that parallel bending waves are focused by
the ABH into a focal point, analogous to optical lenses.

For a general overview on the range of investigations and possibilities the ABH e�ect o�ers,
regarding noise reduction, the interested reader is referred to the extensive review paper
[26] of Pelat et. al.

Although the ABH e�ect is well researched in the �eld of structural dynamics and noise
reduction, the question to be answered in this work is whether the �ndings can also be used
to optimize �exural wave absorbers. In particular, the potential of the ABH e�ect to modify
the bending wave distribution in a solid structure and to increase the intrinsic damping
provide excellent starting points for the investigations of this thesis.
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2.4 Speci�cation of the Task

2.4 Speci�cation of the Task

The objective of this work is to optimize the front panel of a Distributed Mode Absorber ( DMA)
with respect to sound absorption. To enable e�cient sound absorption in the lower octave
bands, the mode density of the panel needs to be increased. The desired working range
of DMA is visualized by �gure 2.3, which was presented by [5]. For that task, an Acoustic
Black Hole (ABH) geometry is included in the front panel. For DMA the sound absorption
behavior correlates with the average surface velocity vx,y , which makes it the benchmark for
evaluating the improvements of the simulations.
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Porous Absorber - Basotech 50mm
Helmholtz Absorber - Trikustik R6,4D3 with 50mm porous material
Plate Absorber - Greenacoustic DEBASS

Figure 2.3: Comparison of di�erent sound absorber types using examples available on the market. Furthermore
a DMA target absorption curve is being displayed. The Data is from Beyer et. al. [5].

The e�ects of ABH to structural damping is already well investigated, as shown in chapter
2.3. Therefore, this study speci�cally considers the ABH e�ect in regards to optimizing the
DMA concept. A few leading questions are to be answered:

ˆ Can the acoustic black hole e�ect be utilized to increase the sound absorption of a
distributed mode absorber?

ˆ Can an acoustic black hole geometry be practically and economically implemented in a
cabinet?

ˆ Are the static properties of the panel still allowing its usage in furniture design?

[27] introduces a semi analytical approach for calculating the e�ect an ABH has on a beam.
Due to the non trivial boundary conditions of DMA it was decided to use Finite Element
Analyses (FEA) for the simulations of this thesis. This method was successfully used in recent
research regarding the ABH e�ect, e.g. [28].

Performing numerical studies before fabricating prototypes has clear bene�ts. Relations
between di�erent parameters can be investigated at an early development state. This
reduces prototyping iterations, resulting in faster and more cost-e�ective development.
Naturally, this only works if the model assumptions are correct, which will be proven in this
thesis.
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3 Numerical Modeling

As a consequence of the complex geometry of Acoustic Black Hole ( ABH) it was decided to
use Finite Element Analyses (FEA). From [28] it is known, that this will provide trustful results.
In this chapter the foundations of FEAare presented, followed by the speci�c parameter
choices in the chosen multi-physics simulation software ANSYS, cf. [29].

3.1 Finite Element Method

The Finite Element Analyses (FEA) is a numerical technique used to solve complex engineering
and scienti�c problems. It is widely employed in various �elds, including structural analysis,
heat transfer, �uid dynamics, electromagnetics, and many more, cf. [29]. For complex
geometries, for which analytical solutions are not su�cient, the FEAis used to approximate
the system behaviour. This is achieved by splitting the geometry into a set of small elements
which which are connected to each other through nodes. In mechanical applications each
elements behaviour is de�ned by the equation of motion, derived from Newton's three laws
of motion. By expanding all matrices and vectors, a description of the system behavior is
provided.

Equation 3.1 shows the equation of motion for a single degree of freedom system, with mass
m, sti�ness k and damping coe�cient � . This is a di�erential equation for the translation x
of the described object in relation to the applied force F .

m
d2x
dt2 + �

dx
dt

+ kx = F (3.1)

By representing the parameters m, k and � as matrices M , K and C and the translation x
as the generalized coordinates vector ~u, equation 3.1 can be extended to a multiple degree
of freedom representation, as shown in equation 3.2.

M
d2~u
dt2 + C

d~u
dt

+ K~u = ~F (3.2)

The damping matrix C can represent various types of damping, such as viscous damping or
structural damping, depending on the speci�c characteristics of the system being analyzed.
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The choice of the damping model depends on the physical properties and behavior of the
system under consideration.

By assuming harmonic excitation and applying the Fourier transformation to equation 3.2, it
can be written as a complex di�erential equation 3.3, where i is the imaginary unit and ! is
the angular frequency of the harmonic excitation. The complex amplitudes represent the
harmonic displacements ~U and applied forces ~F . This enables the matrices to be summed up
to the complex local sti�ness matrix K local, which allows for a compact notation in equation
3.4.

(K � ! 2M + i!C ) ~U = ~F (3.3)

K local
~U = ~F (3.4)

with K local = (K � ! 2M + i!C ) (3.5)

The local sti�ness matrix represents the equation of motion in all directions of a single
element. Due to the fact that for multiple elements the nodes are shared between elements
the global sti�ness matrix K global is assembled by concatenating all the K local in respect to
their geometries and boundary conditions.

During the analysis, ANSYS typically performs a complex eigenvalue extraction to obtain
the mode shapes and frequencies of the system. These mode shapes and frequencies are
subsequently used to construct the dynamic sti�ness matrix K global for each frequency of
interest. Finally, ANSYS solves the equation iteratively to determine the harmonic response
at each frequency, cf. [30].

3.2 Modelling Approach in ANSYS

This Section explains the structure of the model in ANSYS, which is the software used for
the numerical Finite Elements (FE) simulations performed during this thesis.

3.2.1 Geometry and Meshing

A Distributed Mode Absorber ( DMA) consists of a vibrating panel and an enclosed air volume
behind the panel. The panel is modeled without the frame to observe only the vibrating
region. It is created as a surface object starting from the origin with the dimensions in x and
y directions. On top of that, the volume for the back cavity �lled with air is created, starting
from the panel area extruding the depth in negative z direction.

Already existing housings and panels were used. Therefore, the model dimensions need
to match the dimensions of those. The front panel is L x = 0.5 m long and L y = 0.4 m wide.
With the same area the air volume is created with a depth of hBC = 0.12 m. In �gure 3.1 the
geometry is shown.
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Figure 3.1: Geometry of the simulation model, blue is the surface body representing the panel, green is the
solid body representing the air in the back cavity.

3.2.2 Material Assumptions

To start the numerical simulations a set of initial material properties needs to be chosen. The
prototypes were to be made from already existing High Pressure Laminate ( HPL) material
with the thickness h0 = 3 mm. Following [14], the initial material properties were selected as
presented in table 3.1.

Table 3.1: Initial material parameters used in ANSYS for modeling the DMA.

Material property HPL initial
Young's modulus E / GPa 14,1
Poisson's ratio � 0.3
Density � / kg m=3 1470
Loss Factor � / % 2,54

3.2.3 Frequency Range

Only low frequencies up to the 500 Hz octave band are of interest. For higher frequencies
the absorption of airborne sound by e.g. porous or Helmholtz absorbers does not cause
any di�culties, as shown in chapter 2 and Figure 2.3. Therefore, the analyses are done in
the octave bands 63 Hz, 125 Hz, 250 Hz and 500 Hz. This results in a frequency band from
lower frequency limit f l = 45 Hz to upper frequency limit f u = 710 Hz. The trade-o� between
duration and accuracy of the numerical computation leads to a frequency resolution of
� f = 5 Hz. This is achieved with a total of 133 linearly spaced frequency points between the
limits.
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3.2.4 Mesh Types and Resolution

To simulate thin, bending sti� structures it is recommended by the ANSYS Structural Analysis
Guide[31] to prefer shell elements over solid elements. Due to the rectangular geometry
the ANSYS four node shell element SHELL181 was chosen to model the front panel.

The choice of thickness and panel material in�uences the bending wave velocity, which
determines the required resolution of the mesh. In the area of ABH, a �ner mesh is
required due to the decreasing wavelengths. For accurate results one wavelength needs
to be represented by at least ten elements, cf.[31]. For a residual thickness of the ABH
hABH = h0 � 1

10 = 0.3 mm the smallest �exural wavelength � �ex of a plate is computed by
equation 3.6 from [15], with Young`s modulus E , density � , upper frequency limit ! u = 2�f u

and Poisson's ratio � .

� �ex = 2� 4

s
EhABH

2

12�! 2
u(1 � � 2)

(3.6)

lshell �
� �ex

10
� 9.22 mm (3.7)

The element length for the shell element is then calculated with equation 3.7 and rounded
to the resulting shell element length of lshell = 8 mm.

Solid acoustic elements are chosen to simulate the sti�ness and losses introduced by the
enclosed air in the back cavity. It is required to have at least ten elements per wavelength for
the chosen acoustic simulation with selected ANSYS element type FLUID220, cf. [32]. With
this requirement the maximum edge length lsolid of a solid acoustic element is calculated by
equation 3.8, with upper frequency limit f u , its wavelength � f u

= 0.483 m and the speed of

sound c = 343 m s=1.

lsolid �
� f u

10
=

c
10� f u

= 48.3 mm (3.8)

To ensure good interaction between mechanical and acoustical domain the multiple of �ve
times the shell element size was chosen. The depth was chosen to �t four elements in the
cavity. This results in hexagonal elements with an edge length of lsolid,x = 40 mm, lsolid,y =
40 mm and lsolid,z = 30 mm.

Both meshes together are visualized in �gure 3.2. Their parameters are shown in table 3.2.

Table 3.2: Overview of element types for FEA of the DMA with ABH geometry on front panel.

Parameter Front Panel Air (Back Cavity)
Physics Type Mechanical Acoustical
Geometry Type 2D Surface Body 3D Solid Body
Element Type SHELL181 FLUID220
Element Count 3150 520
Element Dimensions / mm 8 x 8 x h 40 x 40 x 30
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Figure 3.2: Detailed view of the mesh elements in the top-right corner of the FEmodel. Shell elements of the
panel are shown in blue. Green is used for the bigger solid elements of the air in the back cavity.

3.2.5 Boundary Conditions and Loads

The reused resonant panels of the DMA from [14] are glued on a frame which is then
clamped to a housing with several screws. This leads to the consideration of a �xed support
boundary condition at all four edges of the panel for the model..

To keep the model simple in calculation, the resonant panel is excited by applying an evenly
distributed harmonic pressure of p̂ = 1 Pa (94.5 dB) in the normal direction of the panel.
This assumption is based on the idea of a plane sound wave hitting the front surface, which
can be assumed if a monopole sound source is placed in free �eld conditions at a distance
larger than the wavelength of the sound wave. This is true for the measurement setup of
this thesis, presented in chapter 5, which legitimates this simpli�cation.

The mechanical behaviour is coupled with the enclosed air volume in the back cavity. The
numerical link between mechanical behaviour and acoustical behaviour is implemented
by connecting the air (�uid) and the panel (solid) with the ANSYS Fluid-Solid-Interface. The
Fluid-Solid-Interfaceis closing o� the air volume on the front side.

The other walls of the back cavity housing are assumed to be rigid. Therefore a perfectly
re�ecting boundary with re�ection coe�cient � = 1 is assumed. Even though in reality the
sides and back panels vibrate under excitation, the assumption is worthwhile because the
desired components can be considered in isolation from side e�ects.

3.2.6 Solver Type

There are two solving solutions in ANSYS for the kind of dynamic problems this thesis focuses
on. The �rst and quicker one is performing a Modal Analysisof the system and then computing
the resulting displacements in a separate Harmonic Responseanalysis by the superposition
of the modes. This technique was used to model the mechanics isolated at the beginning of
the numerical studies of this thesis.
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To enable the air inside the back cavity as an acoustic medium the Acoustic Analyses
environment is needed. This allows a multi physics simulation with the interaction between
the acoustic and the mechanical domain. The system is solved by directly applying all forces
and transfer matrices and including them into the global sti�ness matrix for every frequency.
Therefore, the results are not based on the assumption of modal superposition and more
complex systems can be solved. In the Full Methodthe solution time increases signi�cantly
compared to the modal superposition method.

3.3 Modelling of the Acoustic Black Hole

Usually, shell elements are used to model thin uniform thickness geometries. For modelling
a thin panel with an even thinner indentation including the third dimension is inevitable. Due
to the huge computing e�ort needed when simulating thin structures with solid elements, it
was decided to specify a height function to vary the thickness of the panel.

The modern Graphical User Interface ( GUI) environment ANSYSWorkbenchdoes only support
one dimensional thickness functions. This made the direct access of the solver via Mechanical
ANSYS Parametric Design Language (MAPDL) commands necessary. With those it is possible
to declare a height function for shell elements dependent on multiple dimensions. To
achieve this, a table containing the thickness values must be de�ned in the MAPDLsyntax.
An example for such a table is found in appendix A.

The values for the thickness h(x, y) are calculated in Cartesian coordinates with equation
3.9 with radius a, panel thickness h0, residual thickness hABH, power law exponent band the
distance from the center of the ABH to the current position |~r 0|.

h(x, y) =
h0 � hABH

ab
� |~r 0|b + hABH for |~r 0| � a (3.9)

h(x, y) = h0 for |~r 0| � a (3.10)

|~r 0| = |~r � ~r0| (3.11)

with ~r =

 
x
y

!

, ~r0 =

 
x0

y0

!

(3.12)

The computation of the height values is done by the python script found in appendix A. The
script takes the panel dimensions and ABH parameters as an input to compute the height
values and formats them correctly to output a text �le. With this tool quick changes in ABH
geometry are possible.

The maximum size of the resulting height table is 17 x 17 values. This results in a resolution
of eight values to represent the ABHcross-section for the x and y-axis and �ve values for the
diagonal. For an ABH with radius a = 100 mm the maximum distance between each point
is � x = a�

p
2

8 = 25 mm. This is a lower resolution than the size of the mesh, but the ANSYS
solver is linearly interpolating between each height value. This functionality approximates the
geometry and reduces the error compared to e.g. a step function between the values.
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4 Numerical Study on Acoustic Black
Hole Parameters

From the literature it is expected that putting an Acoustic Black Hole ( ABH) geometry into a
Distributed Mode Absorber ( DMA) causes multiple e�ects which can help optimize sound
absorption. Firstly from Özer et. al. [19] it is known that breaking the panel symmetry
increases the resonances of the panel for low frequencies. Based on that knowledge it
is bene�cial to place the ABH structure outside of the center. Additionally the ABH e�ect
comes into play for shorter wavelengths, focusing wave energy in the ABH structure. This
creates the possibility for even broader sound absorption, due to higher velocity in that area.
Third, the e�ect that the ABH geometry alone increases damping has further optimization
potential for the improvement of the DMA concept.

The aim of this chapter is to check, whether manipulating a panel with ABH geometry
can improve on its sound absorbing characteristics. Relation 2.11 which was derived from
[33] states that the average surface velocity vx,y of the panel correlates with the resulting
sound absorption coe�cient � of the DMA. Based on this, the parametric numerical studies
conducted in this chapter were evaluated by comparing the average velocity results. It is
also showing the details of how the structural behaviour is changed with di�erent ABH
parameters. Finally three ABH con�gurations are presented, which were implemented as
prototypes.

4.1 Initial Parameters

The parameters which were optimised with the numerical parametric study, are shown in
the list below.

ˆ Position of the ABH on the panel
ˆ Radius a of the ABH
ˆ Residual thickness hABH of the ABH
ˆ Power law exponent bof the ABH
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As already described in section 3.3, for this work, a circular two dimensional ABH design
was chosen, as �rstly presented by [24]. Additionally Unruh, Blech et al. [28] showed the
in�uences of the ABH parameters for attenuating structure borne sound to reduce emitted
sound power. Based on their results an initial parameter set was chosen to optimize the
DMA panel.

The initial con�guration has a signi�cant thickness reduction in the ABH area of hABH
h0

= 1
30.

The radius is chosen to be in the order of magnitude compared to the panel dimension
a

L y
= 1

4 . Regarding the power law exponent b the literature agrees that exponent of b= 4 is
the most promising compromise.

Table 4.1: Initial acoustic black hole parameters.

Parameter Initial ABH
Residual ThicknesshABH / mm 0.1
Radius a / m 0.1
Power Law Factor b 4

The strategy is to start of with a quite drastic ABH geometry in order to guarantee a
recognisable e�ect on the panel. Later on the parameters are individually decreased to �nd
the best compromise between the parameter and its e�ect.

Each parameter is evaluated through numerical Finite Element Analyses ( FEA) and compared
to results and choices of previous works. Even though these focused on the reduction of
sound radiation instead of sound absorption, they are still suitable as a benchmark to assess
the quality of the model.

4.2 ABH Position

The ABH e�ect is in�uencing the bending wave behaviour of its carrier, by decreasing the
wave propagation speed c�ex near the ABH and ultimately reducing the wavelengths � and
increasing the amplitude Anx ,ny

in that area. This in turn leads to a drastic shift in the tensions
of the panel, which is expressed by changed mode shapes. These are the reasons why the
position of the ABH plays a crucial role and is therefore analyzed in this section as the �rst
parameter.

The initial ABH presented in 4.1 is moved around in a grid of 3 x 3 positions with a distance
of 10 % of the panel dimensions, as shown by �gure 4.1. The starting point P11 is the center
of the panel, for which the contour of the ABH is represented in the �gure by the dashed
circle.

The analyses in this section were executed by neglecting the air cavity, focusing on mechanical
in�uences of ABH on the panels via solving the modal analyses in ANSYS instead of the full
method harmonic response. This enabled plotting mode shapes from all modes including
the symmetric modes, which would have been suppressed in a more realistic model
con�guration.

The evaluation of the results is done by comparing the frequency responses of the average
surface velocity vx,y . The frequency response of the reference panel with no ABH is plotted
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4.2 ABH Position

Figure 4.1: Sketch of 9 di�erent positions for �nding the best ABH placement. The dashed circle represents the
contour of the ABH for position P11.

in all of the following �gures with the dashed line. It was also decided to focus on the low
frequencies, only leading up to the 250 Hz octave band.

To further improve the informative value of the graphs, points are plotted at the top for the
frequencies of �rst four panel modes from the reference panel regardless of whether the
mode is suppressed or not in the frequency response, cf. �gure 4.6. The fundamental mode
f 1,1 is at f 1,1 = 84 Hz, the second mode f 2,1 which is the �rst suppressed even mode is at
f 2,1 = 147 Hz, the third mode f 1,2 which is the second suppressed even mode is at f 1,2 =
192 Hz and the fourth mode f 3,1 is at f 3,1 = 250 Hz.

For analysing the simulation results it is not su�cient to plot all the di�erent curves in one
graph. A reasonable splitting is done by allocating the results of the three axis starting from
the center. Firstly the x-axis, secondly the y-axis and last the diagonal axis.

4.2.1 x-Axis

The results from placing the ABH centered on the y-axis, and moving it to di�erent positions
on the x-axis are shown in �gure 4.2.

Starting from low frequencies, the �rst noticeable e�ect is that the frequency f 1,1 � 85 Hz of
the fundamental mode is being shifted towards higher frequencies. The closer the ABH is
to the center of the plate, the greater is the increase to the frequency f 1,1 � 85 Hz and the
corresponding amplitude.

Its noticeable that the second peak for the ABH panels is at the same frequency f ABH �
120 Hz for all three positions. This is the circular mode of the ABH itself, which occurs due to
the signi�cant thickness reduction of the panel in the ABHarea. Because it is not dependent
on the position but on all the other parameters of the ABH its e�ect will be analyzed in the
following sections.

The next resonant peak is coming from the second panel mode f 2,1 � 150 Hz. It can be
explained by breaking the symmetry of the panel the in x-direction. The �exural wave is
slowed down on the right side of the panel. This leads to two di�erent shaped wave crests,
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Figure 4.2: Comparison of the average surface velocity for the x-row of di�erent ABH positions.

which do not sum up to zero in the resulting average surface velocity. This statement also
explains that for the ABH in the center P11 (darkblue) the mode f 2,1 � 150 Hz does not
appear within the frequency response. Figure 4.2 additionally shows that this e�ect has a
less bene�cial impact at position P31 (purple) which is too far on the right side.

While the ABHis moved on the x-axis, the underlying panel is still symmetric in the y-direction
which suppresses the second even mode f 1,2 � 190 Hz. This behaviour is true at the more
centered positions P11 (darkblue) and P21 (green). The impact of placing the ABHat position
P31 (purple) is so drastic that the mode still does appear within the frequency response.
Additionally, putting the ABHfar out stretches the modal frequencies, which is not desired.

It can be seen that the third reference panel mode f 3,1 = 250 Hz is not in�uenced much
frequency wise. Amplitude wise, the more centered ABH positions P11 (darkblue) and P21
(green) lead to a signi�cant suppression of that mode, compared to the reference plate.

At even higher frequencies, starting from f > 250 Hz signi�cant di�erences between the
reference panel and the modi�ed panels are visible indicating the need for a di�erent analysis
approach.
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4.2 ABH Position

4.2.2 y-Axis

For the second �gure 4.3 the ABH was placed on the center of the x-axis, but moved in the
y-direction of the panel.
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Figure 4.3: Comparison of the average surface velocity for the y-row of di�erent ABH positions.

While the e�ects are similar for the �rst two resonance peaks f 1,1 � 85 Hz and f ABH � 120 Hz,
the excited even mode is switched from the �rst f 2,1 � 150 Hz to the second f 1,2 � 190 Hz
due to the changed direction. The e�ect of creating a higher frequency from placing the
ABH more to the outside stays the same as well.

Placing the ABHin the center of the x-axis ( x = 50%L x ) does lead to a reduction of the average
surface velocity vx,y at the third panel resonance frequency f 3,1 � 250 Hz at all investigated
positions on the y-axis P11 (y = 50%L y), P12 (y = 60%L y) and P13 (y = 70%L y).
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4.2.3 Diagonal Axis

The following analysis in �gure 4.4 is done by moving the ABH on the diagonal between x-
and y-axis. This leads to a setup where the ABH is placed o�-center on both axes.
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Figure 4.4: Comparison of the average surface velocity for the diagonal row of di�erent ABH positions,

The closer the ABHis positioned to the center, the greater the resonance of the fundamental
mode frequency f 1,1 � 85 Hz, a�rming the same principle as before. The ABHcircular mode
is creating a resonant peak in the response at the same frequency f ABH � 120 Hz as already
seen in �gures 4.2 and 4.3.

The frequency response at position P22 (green) shows noticeable peaks at both even modal
frequencies f 2,1 � 150 Hz and f 1,2 � 190 Hz of the reference panel. Compared to the
response from P33 (purple) this is a signi�cant improvement in average surface velocity vx,y .
Placing the ABH at position P33 (purple) lead to the suppression of the even modes f 2,1 �
150 Hz and f 1,2 � 190 Hz, while creating high and narrow peaks above f > 250 Hz. These
peaks, however, do not contribute to the aim of this thesis which is to achieve the most even
distribution of the resonant peaks on the logarithmic frequency axis.
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4.2 ABH Position

4.2.4 Comparison of the best positions

Creating more asymmetry by placing the ABHfurther away from the center does not improve
the systems frequency response in general. It is much more a question of the right placement
on the panel than a measure of absolute distances. For this reason the best three positions
P12 (darkblue), P21 (green) and P22 (orange) from the previous graphs are compared in
�gure 4.5.
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Figure 4.5: Comparison of the average surface velocity at the three best positions.

The average surface velocity vx,y frequency response of the ABH placed at position P22
(orange) can be determined as the most e�ective one. At position P22 (orange) both of
the even modes f 2,1 � 150 Hz and f 1,2 � 190 Hz are excited in a similar way as the single
excitation from the other positions P12 (darkblue) and P21 (green). This in result leads to
evenly distributed resonance peaks on the logarithmic frequency axis. When the circular
ABH mode is considered as well, the average distance � f of the peaks below f < 200 Hz is
about one third of an octave. Therefore, enabling the DMA to absorb sound in the same
evenly spaced manner.

23



4 Numerical Study on Acoustic Black Hole Parameters

4.2.5 Mode Shapes

The mode shapes of even modes are usually of a symmetric pattern. Because the sum of the
velocities cancel out over the whole panel area, these modes do not appear in the frequency
response of the average surface velocity vx,y . With asymmetric placement it is possible to
activate the even modes. In �gure 4.6 the mode shapes of the �rst three modes f 1,1 � 85 Hz,
f 2,1 � 150 Hz and f 1,2 � 190 Hz are shown for the reference panel. The mode shapes for
placing the ABH at the best position P22 ( x = 60%L x , y = 60%L y) are shown in �gure 4.7.

The impact of the Acoustic Black Hole on the panel is recognizable for all four mode shapes,
as seen in �gure 4.7. The peak amplitudes are shifted towards the center of the ABH as
intended. While the basic shape is just deformed for the �rst two modes, the movement of
the third is already bundled in the region of the ABH.

(a) Mode 1 - f 1,1 = 84 Hz. (b) Mode 2 - f 2,1 = 147 Hz. (c) Mode 3 - f 1,2 = 192 Hz. (d) Mode 4 - f 3,1 = 250 Hz.

Figure 4.6: First four mode shapes for the uniform reference panel.

(a) Mode 1 - f 1,1 = 89 Hz. (b) Mode 2 - f 2,1 = 141 Hz. (c) Mode 3 - f 1,2 = 189 Hz. (d) Mode 4 - f 3,1 = 248 Hz.

Figure 4.7: First four mode shapes for the panel with ABH (a = 0.1 m and habh = 0.1 mm) at position P22
(x = 60%L x , y = 60%L y ).

4.2.6 Summary

To improve low frequency absorption there are two concepts recognizable in the results.
The �rst one being the activation of the even modes by placing the ABH at an o�-center
position. Since f 2,1 and f 1,2 are the lowest modes after the fundamental mode f 1,1, they are
essential for a low frequency DMA.

The second concept is the �nding that an ABHhas a mode frequency f ABH itself. This circular
mode is predestined to be designed by the choice of the other ABH parameters (e.g. shape,
size). However, to select the best position option the ABH mode needed to be neglected.
Based on the �ndings the choice ultimately fell onto position P22 ( x = 60%L x , y = 60%L y).

Analogous to the presented reasoning Zenker et. al. showed in [34] that for emitting sound
with a Distributed Mode Loudspeaker ( DML) the same position P22 (x = 60%L x , y = 60%L y)
used as the exciter position creates the most even excitation of the �rst nine panel modes.
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4.3 ABH Residual Thickness

Since the position has a huge in�uence on the results of the FEA, it needs to be evaluated
experimentally. For that reason the center position P11 ( x = 50%L x , y = 50%L y) was chosen
as the second position of interest. For the creation of the ABH geometry material needs to
be removed from the uniform panel. While this should in classical theory lead to lowering
fundamental mode, the numerical results of this section show the opposite. Whether this
remarkable phenomenon can be investigated with a prototype is to be investigated.

4.3 ABH Residual Thickness

The manufacturing process of the two-dimensional ABH geometry on a thin panel with its
parabolic shape is not trivial. For an exact result Computerized Numerical Control ( CNC)
machining is needed. But even with an accurate machine an endlessly thin structure is not
achievable, therefore the thickest but still e�cient design needs to be selected.

Figure 4.8 shows the average surface velocityvx,y for the same ABHcon�guration, with radius
a = 0.1 m and power law exponent b = 4 placed on the center position P11 ( x = 50%L x ,
y = 50%L y). The residual thickness hABH 2 f 0.1; 0.3; 0.6g mm in the center of the ABH
geometry is varied to evaluate its e�ect on the vibration characteristics of the panel. Position
P11 was chosen in �gure 4.8 to suppress the positive e�ects of asymmetrical placement
shown in section 4.2. This opens up the possibility to isolate other impacts and evaluate
them on their own.
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Figure 4.8: Comparison between average surface velocity of three di�erent residual thicknesses hABH at the
center position P11.

The suppression of the even modes results in the outstanding �rst mode f 1,1 � 85 Hz in all
three curves, as shown in �gure 4.8. The resonant peaks for higher frequencies are therefore
attributable to the circular mode f ABH of the ABH.

The curve for hABH = 0.1 mm shows a peak at the �rst mode of the ABH geometry around
f ABH, 0.1 mm � 120 Hz. The curve for hABH = 0.3 mm shows the same ABH mode but at a
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higher frequency f ABH, 0.3 mm � 195 Hz. For the curve of the hABH = 0.6 mm the frequency of
the �rst ABH mode is found at even higher frequencies, hence it is not visible in �gure 4.8.
This makes hABH = 0.6 mm not suitable for improving the DMA panel in the target frequency
range.

The results of this section indicate on the one hand that the thinner the structure gets in
the middle the more suitable it becomes in terms of evenly distributed modes within the
targeted frequency range. But on the other hand with a thicker ABH easier manufacturing
and more stability is reached. The practical solution is to select the compromise and move
on with a residual thickness of hABH = 0.3 mm. Nevertheless, the results are still enabling the
ABH e�ect to work in the desired frequency range.

4.4 ABH Size

The ABH can be thought of as the name suggests a acoustic black hole for �exural waves,
which bends nearby waves towards it. A detailed description of this way of looking at ABH
e�ect is given in [25]. This means that the larger the size of the ABH, the more e�ective it
will be due to more area of wave capturing.

Therefore, the size of an ABH is a crucial parameter for creating impact on its host
structure. To analyse the e�ect of the size the previously chosen parameters (Position
P22 (x = 50%L x , y = 50%L y), Residual thicknesshABH = 0.3 mm) were kept same for all
simulations related to this section.

A Set of eight di�erent sizes were evaluated, ranging from a small radius amin = 2 cm to a
large radius amax = 13 cm. The evaluation of the results was done by analysing the frequency
response of the average surface velocity vx,y . This section is divided into three subsections,
each for one of the three impacts found during the FEA.

4.4.1 Impact on the Panel Symmetry

Similar to section 4.2 the key to break up the symmetry e�ciently is to activate the usually
suppressed even modes f 2,1 and f 1,2. For that reason the points in the top of the graph
4.9 show the modal frequencies of the reference panel which are the fundamental mode
f 1,1 = 100 Hz, the second mode f 2,1 = 147 Hz (suppressed), the third mode f 1,2 = 192 Hz
(suppressed) and the fourth mode f 3,1 = 250 Hz.

In �gure 4.9 a selection of three sizes a 2 f 3, 5, 7gcm is shown to visualize the impact on
breaking the symmetry of the front panel.

For the smallest radius a1 = 3 cm (darkblue) the frequency response for low frequencies is
almost the same as the one from the reference panel (dotted blue).

The ABHwith a radius a2 = 5 cm (green) shows slight peaks at the desired frequencies f 2,1 �
147 Hz and f 1,2 � 192 Hz.
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Figure 4.9: Average velocities from di�erent sized ABH con�gurations.

If the radius gets even larger a3 = 7 cm (green) the impact becomes a lot more recognizable.
For both of the usually suppressed modes f 2,1 � 147 Hz and f 1,2 � 192 Hz there is a well
noticeable peak on the frequency response.

The tendency is clear that the larger the radius a of the ABH gets, the larger is the impact in
breaking the symmetry.

4.4.2 In�uence on the mode density

To summarize the huge data set a statistical analysis was executed. For this analysis all
resonances that have a peak average velocity of vx,y > 100 µm s=1 were listed with their
corresponding resonant frequency f i . From this list a mode density data set � f i was created
by subtracting the current mode frequency from the previous f i � 1, as shown in equation
4.1.

� f i = f i (vx,y > 100 µm s=1) � f i � 1(vx,y > 100 µm s=1) (4.1)

for i 2 N and f < 710 Hz

From this data set the average �� f , the standard deviation � and the median ~� f were
calculated. These statistical quantities are plotted over their corresponding radius a in �gure
4.10. This �gure gives an overview on the modal distribution of the ABH con�guration.

It can be seen that an ABH with a radius a � 4 cm does not change the modal distribution
of the DMA.

The ABH with a radius a = 5 cm is already showing a more narrow average modal frequency
distribution, it also is the turning point.
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Figure 4.10: Statistical analysis of the modal density for di�erent sized ABH con�gurations.

For all radii a � 6 cm the modal frequency distribution stays almost the same.

Figure 4.12 con�rms the tendency from previous analysis in �gure 4.9 that with increasing
size the impact of the ABH does also increase.

The ABH with the radius a = 7 cm shows the lowest median modal frequency distance ~� f .
Subsequently, this radius is selected for being manufactured into a prototype.

4.4.3 Creating a circular ABH mode

On top of the ABH e�ect, that bends the �exural waves into the ABH, the size is also a
relevant structural factor. By creating the circular indentation a signi�cant area of the panel
has smaller thickness. This locally reduces the bending sti�ness and creates new circular
modes in the system.

Especially the �rst circular mode f ABH needs to be mentioned. In �gure 4.14.a) the frequency
f ABH is plotted over the radius ai of di�erent con�gurations. Additionally a curve �tting was
performed, which is also seen in the �gure. The corresponding mode shape is shown in
�gure 4.14.b) for an ABH with radius a = 10 cm.

For small radii the frequency f ABH is shifted towards higher frequencies. For the analyzed
frequency range f < 710 Hz the �tted curve in �gure 4.11a is leaving the graph at radius a �
5 cm. As written in the previous subsection the ABH with a radius a = 5 cm is the turning
point regarding the overall modal distribution. This indicates that the ABH circular mode
f ABH is correlated to the lowest frequency at which the ABH e�ect is noticeable.

Since the ABHfrequency f ABH is quite low for decent ABHsizes it is suitable for being specially
designed to optimally improve the mode density in the 125 Hz or 250 Hz octave band. This
is the reason for the third chosen prototype design. With a radius of a = 0.13 m it has a
predicted ABH frequency f ABH � 125 Hz.
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Figure 4.11: Analysis of the ABH circular mode.

4.5 ABH Shape

On the one hand Zhao et. al. show in [35] that the power law exponent b has increasing
in�uence on the ABHe�ciency. But on the other hand, the complexity of the shape increases
what complicates the manufacturing process. This is due to the small gradient at high
exponents.

To resolve this contradiction the numerical study presented in this chapter was conducted
on the DMA model. Therefore, four power law exponents b2 f 1; 2; 4; 7g were selected for
the analysis of the ABH shape. The resulting thickness functions h(r ) are shown in �gure
4.12.
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Figure 4.12: Curvatures of the ABH indentation for four di�erent power law exponents.

The following graphs are from simulations with an ABH following the parameter choices of
the previous sections. The ABH is at position (x = 60%L x , y = 60%L y), has a radius of a =
0.07 m and a resdual thickness of hABH = 0.3 mm.

Figure 4.13 shows the average surface velocities vx,y of di�erent power law exponents b
from 125 Hz � f � 250 Hz. This narrow frequency band has been chosen, to highlight the
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in�uence of the acoustic black hole on the �rst two even modes f 2,1 � 150 Hz and f 1,2 �
190 Hz. Clearly, incresing the power law exponent b is increasing the velocity.
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Figure 4.13: Average surface velocities for three di�erent power law exponents.

The steepness of the power law pro�le in�uences the impact of the acoustic black hole. The
steeper the slope is, the higher are the corresponding frequency peaks.

For a more general analyses, the di�erent mode frequencies occurring on the average
velocity graph have been analyzed with the approach from previous section, as described
by equation 4.1. The results are presented in �gure 4.14. This graph shows the average
distance between all the modes below f � 250 Hz. It shows the standard deviation band of
the frequency distances marking the top and bottom. The line in between is the average of
the data set. Median has been chosen over the average due to the wide range of frequency
distances occurring.

Ref b = 1 b = 2 b = 4 b = 7
0

50

100

150

200

�
f

/H
z �� f + �

�� f
�� f � �
~� f

Figure 4.14: Statistical analysis of the distance between modal frequencies for di�erent power law exponents.

The suspected in�uence is con�rmed by the statistical analysis, since the mode spacing
generally becomes smaller for higher power law exponents. However, the previously
assumed power law exponent b = 4 is showing the minimum median frequency distance ~� f

in �gure 4.14. According to this, b = 4 is the exponent of choice for the prototypes.
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4.6 Summary

4.6 Summary

The complex behaviour of the Acoustic Black Hole (ABH) structure was investigated by
evaluating its e�ects on the average surface velocity vx,y for di�erent con�gurations. The
results were gathered with a parametric study, varying one parameter at a time. From
the detailed analyses of the previous sections, three parameter sets were chosen to
be manufactured as prototypes. The average surface velocities vx,y of the chosen ABH
con�gurations are shown in �gure 4.15. The resulting parameters are summarized in table
4.2.
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Figure 4.15: Comparison of selected ABH con�gurations for prototyping.

In general, all ABH con�gurations show higher mode density compared to the reference
panel. Therefore, the question is not if but rather how the improvement will be achieved.

The �rst prototype (darkblue, position P11, hABH = 0.3 mm, a = 7 cm, b = 4) aims to highlight
all the e�ects except the breaking of the panel symmetry. It aims to incorporate a slightly
increased overall surface velocity, compared to the reference, and an ABH circular mode at
around Modal frequency of circular Acoustic Black Hole mode ( f ABH) � 350 Hz.

The second prototype (green, position P22, hABH = 0.3 mm, a = 7 cm, b = 4) aims to show
the same e�ect as prototype 1. Additionally the breaking symmetry e�ect is to be evaluated
in the measurements.

The third prototype (green, position P22, hABH = 0.3 mm, a = 13 cm, b = 4) is placed at
the same position as prototype 2. This should result in a more drastic impact of the ABH
on all e�ects. Especially the low ABH circular mode f ABH � 125 Hz aims to improve the
performance in the lowest frequencies.

The incorporation of multiple ABH structures in the front panel and a detailed investigation
on the in�uence of additional damping in the ABH were not considered in this thesis, due to
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Table 4.2: Selected acoustic black hole parameters for building prototypes.

Parameter Initial Prototype 1 Prototype 2 Prototype 3
Position of ABH ( x

L x
, y

L y
) undecided (50%, 50%) (60%, 60%) (60%, 60%)

Residual ThicknesshABH / mm 0.1 0.3 0.3 0.3
Radius a / mm 100 70 70 130
Power Law Factor b 4 4 4 4

limited time resources. These aspects could be of interest for further studies, building up on
the gathered information regarding modelling and parametric in�uences presented in this
thesis.
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